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INNOVATIVE, SMALL, HIGH-SPEED CENTRIFUGAL COMPRESSOR TECHNOLOGIES
Dennis R. Pandy
United Technologies Research Center
David Brondum
Carrier Corporation
Abstract
United Technologies Research Center and Carrier Corporation have investigated the potential for direct drive high-speed
centrifugal compressors to compete with current positive displacement compressors at minimal capacities. In this paper,
some of the critical design issues will be discussed, along with concept demonstrations, and performance comparisons.
The conclusion is that a production 25 ton centrifugal compressor with a high efficiency permanent magnet motor,
combined with low windage and bearing losses, would achieve an ASRE-T EER nearly 25 percent higher than current
compressors.

Introduction

United Technologies Research Center and Carrier Corporation have investigated the potential for direct drive
high speed centrifugal compressors to compete with current positive displacement compressors at minimal capacities. In
this paper, some of the critical design issues will be discussed, along with concept demonstrations, and performance
comparisons. One of the more compelling features of direct drive centrifugal compression is the potential to eliminate the
need for lubricants. This is particularly true today as the refrigeration industry transitions to HFC refrigerants and the need
for more costly POE type lubricants. Positive displacement compressors typically need lubricants to seal gas path leaks
and as a means of developing adequate bearing film thickness. The centrifugal compressor requires no such leak seals,
and bearing loads tend to be light enough to consider oilless concepts. Historically, the most significant detractor to the
direct drive approach has been the need for a costly high frequency inverter. However, dropping inverter cost, and the
merits of variable speed make reconsideration appropriate.
Compressor Speed Requirements

Today's positive displacement refrigeration compressors are very efficient and highly evolved mechanical
devices. Furthermore, they are manufactured in the millions, making their cost to the consumer extremely attractive.
Introducing a new competing compression technology requires a significant benefit to warrant a change. Centrifugal
compression utilizes simple low cost impellers as the main working element, as opposed to the high tolerances and
complex surfaces typical of today's scroll and screw compressors. So, a potential for cost savings exist. However, the
centrifugal compressor must be designed for the highest level of efficiency if it is to be successful as a replacement. An
examination ofturbomachinery design characteristics, such as in Reference 1, reveals that highest efficiency is obtained at
high specific speed. The definition of specific speed being the actual
Compressor RPM Requirements
75 2
speed (RPM) times the square root of the volume flow divided by the
N<• · ''"9..
head raised to the three quarters power. This value of specific speed
,,.
has an upper limit for radial flow machines, the type being considered
in this paper for reasons of cost, and highest efficiency is achieved at
this upper limit. Apparent from this relationship is that speed must
increase as volume flow decreases. Figure I shows how speed must
increase to maintain a constant specific speed as the tonnage or flow
T...volume decreases. The plot is for a typical air cooled chiller head rise
and current refrigerants. For the two stage compressor considered,
speeds of over 100,000 rpm are necessary at the 5 ton capacity level.
Figure 1
Lower capacity designs were not considered due to the small physical
size and reduced efficiency advantage. These trends are shown in figures 2 and 3 as plots of diameter and energy
efficiency ratio over a range of capacities.
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Figure 3

Figure 2
Motor Windage Losses

One of the concerns with high speed motors is the rotor windage loss. Text, such as Reference 2, state that
windage is nearly proportional to the fourth power of diameter and nearly the third power of rpm. Since a refrigerant
cooled hennetic motor is desired, extreme care must be exercised when selecting the motor diameter. Typically, a motor
rotor surface area will have a limiting value for high efficiency due to flux saturation. Maintaining that value leads to a
direct relationship between rotor diameter and length. Small diameter and long length are favored for low windage.
However, long rotors can lead to shaft critical speed problems at high rpm. In addition, fluid density is critical to windage.
Superheated refrigerant at minimum pressure should be used to cool the motor rotor.
.-----------~----------------~

Windage Loss

Figure 4 is a plot of power loss for varying rotor diameter
with a constant surface area rotor. For refrigerant R134a, windage
losses equal to between 1 and 2 percent of motor power are likely
based on shaft critical speed and motor efficiency calculations to be
discussed later in this paper. This loss level is competitive with
other compression technologies, but it pushes the motor electrical
design to the limits of flux saturation.
Motor Selection

30hp, 54000 RPM, Constant Shear (2psi)
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Three motor types have been considered for this
application; 1) induction, 2) pennanent magnet, and 3) switch
Figure 4
reluctance. Analysis conducted to date indicate that all three motor
types are capable of electrical efficiencies in the mid 90's. However, the switch reluctance type appears to have a
disadvantage in windage due to its cruciform rotor cross section and minimum potential diameter from electrical design
considerations. The preference for permanent magnet or induction remains to be determined. The pennenent magnet type
will likely be more compact and efficient, but magnet attachment could prove to be expensive due to the anticipated high
operating speeds. Induction motors of traditional low cost construction may incur some windage penalty, while those with
special thin steel laminates may prove costly. On a more positive note, efficiencies between 90 and 95 percent, including
windage, appear achievable for either type.
Drive Selection
Commercial power supplies or drives of both 6 step and pulse width modulation (PWM) type wave form are
readily available to 900 Hz, and higher speed custom drives are available if desired. Because the drives alone are as
expensive as the compressors being considered for replacement ( up to $100 per horsepower), some means of reducing
manufacturing cost must be achieved if high speed direct drive centrifugal compression is to be competitive. The merits of
variable speed or higher frequency operation are often cited as sufficient justification for the drive purchase for all types of
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compression, but centrifugal compression is unique in that it requires higher minimum frequency operation than the other
compression types. Fortunately, it also better utilizes the capability than any other type. Cost analysis suggest that a 60
percent drive cost reduction will make centrifugal compression competitive with competing constant speed compressors.
Drive manufactures suggest that such cost levels are achievable if sufficient product volume materializes. In addition,
improvements in component integration hold huge potential for cost reduction.
In terms of efficiency, drive output power to input power ratios of .97 appear to be achievable for either the six
step or PWM types. What remains to be demonstrated is the level of integrated motor and drive efficiency at high
frequency where higher harmonic losses can be significant. Wave smoothing components such as transformers are
solutions if their cost is not prohibitive.
Shaft Critical Speed

Shaft critical speeds are a. function of bearing and shaft stiffness and rotor mass. The small diameter shafts
desired for low windage, can lead to low shaft stiffness and a critical speed in the operating speed range. Two approaches
can be taken; 1) design for supercritical operation and provide adequate damping to prevent excessive shaft deflection
while passing through a critical speed, or 2) stiffen up the shaft and bearings to achieve subcritical operation. To some
extent, the preferred solution depends on the type of bearings selected for the system. Fluid film bearings are typically less
stiff, but have excellent damping. Supercritical or even critical operation is not unusual for such bearings. Rolling
element bearings are much stiffer, but have little or no damping. Subcritical shafts are more common for this type of
bearing.
While either approach may be valid for a small, high speed centrifugal compressor, rolling element bearings are
being considered at this time. Bearing stiffness can be predicted by commercial codes such as The A. B. Jones High Speed
Ball and Roller Bearing Analysis Program ( Reference 3). A shaft modal analysis can next be conducted with commercial
finite element codes such as ANSYS or MARC. Typical results show the classic first mode being a combination of
bounce and first bending, while the second critical is a combination rocking and second bending. From such analysis, it
appears that subcritical operation and reasonable windage loss can be achieved for this example of a 50,000 rpm
compressor.
Bearing Selection

Even though oilless operation is desired for the small, high-speed centrifugal compressor, a wide range of bearing
candidates exist. Both gas and magnetic bearings are typical high-speed, oil-free candidates; however, each has been
rejected at this point as being needlessly complex, high cost, or both. Refrigerant liquid fluid film bearings are the subject
of research at this time (Reference 4). Hydrostatic starting is typically proposed, but a reliable source of high pressure
refrigerant becomes a significant systems issue. Self lubrication is an alternative to the hydrostatic start, but this has not
been successful for high speed shafts due to unacceptable wear and the potential of overheating. Refrigerant lubricated
ball bearings appear to circumvent all of the negative issues raised by other bearing types. Available low pressure liquid
refrigerant may be adequate for bearing cooling and lubrication. This bearing type will be the initial selection for a small,
high-speed centrifugal demonstration. As a separate advantage to this selection, a small quantity of oil dissolved in the
refrigerant remains a viable fall back from the oil~ free approach.
Two significant design issues can support the success of refrigerant lubricated ball bearings. First, the loads on a
small, high~speed centrifugal bearing are very low. Stress analysis at the point of ball contact reveals stress levels that are
well within infmite life predictions according to the FAG fatigue life theory (Reference 5). This lightly loaded condition
may create an environment where even marginal lubrication is adequate for long life. Second, is the fact that even
refrigerants, with their very low viscosity, have some ability to lubricate. Assuming that refrigerants exhibit a pressureviscosity coefficient behavior similar to oils, then elastohydrodynamic (EHD) film thickness of greater than one micro
inch will be predicted. High quality ball bearings have surface fmishes on the order of one micro inch, so a Lambda or
film thickness to surface roughness factor of one or more will be calculated. This suggest that wear will diminish or stop
when ball and race have created a sufficiently smooth interface for metal separation. Ceramic ball bearings may prove to
be advantageous in such applications, due to their high quality surface finish and the absence of micro welding between
ball and race.
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Motor Cooling Issues
Refrigerant cooling of high speed motors is a new technology with no existing experience base within the motor
manufacturing community. High speed motors typically have water cooled stators and air cooled rotors. Rotor
temperatures below 400 F are considered acceptable. For refrigerant applications, gas temperatures should be below 200 F
to prevent chemical decomposition. At issue is how to design a refrigerant cooled motor with minimum performance
penalty. Cooling with high pressure refrigerant reduces the overall system cooling capacity. Cooling with low pressure gas
increases the compressor compression ratio due to the pressure drop through the motor. The selected cooling approach
uses high pressure refrigerant to generate cold two phase flow for stator cooling. Pressure is higher than compressor
suction conditions so that superheated gas generated by the stator can be used to cool the rotor. Unknown is the pressure
and mass flow required to meet the desired maximum operating temperature.
A general purpose commercial CFD code, Adaptive's CFD 2000, was used to estimate these quantities as well as
the: actual temperature distribution in the rotor and stator. This was accomplished by creating a structured grid of the flow
path between the rotor and stator. A ten degree arc of the gap was divided into 5 equal parts in the circumferencial
direction. The radial direction was divided into 30 increments with a symmetric log distribution. This allowed for the
necessary grid size near the wall. Axial length was divided into 20 equal segments for a total of 3000 cells in the gap
region. Turbulent compressible flow with heat, mass, and momentum transfer was modeled.
A constant heat flux and surface velocity were assumed for the rotor boundary condition. Heat flux values were
obtained from detailed motor loss models. Several stator boundary conditions were evaluated, including adiabatic, constant
temperature, and constant heat flux. From these evaluations, a mass tlow of 400 pph was found nessary for motor cooling.
The associated pressure drop through the rotor/stator gap is 5 psi. Roror surface temperatures v:try from 8 to 176 F. The
calculated stator cross section temperature varied from 41 to 72 F. Frictional heating and heat transfer coefficient are in
good agreement with empirical relationships as is the general boundary-layer profile.

Overall Mechanical Arrangemen t
Two stages of compression have been selected for the small, high-speed compressor. This decision was based on
a combination of lower speed requirement and higher efficiency potential than a single stage configuration. Two stages of
compression reduces speed 40 % relative to a single stage and efficiency increases 3 %. In addition, an economizer port
can readily be added at the inerstage location to provide an additional 7% cycle efficiency improvement.
Mounting each stage impeller on either end of the motor
5) provides several benefits. For one, axial thrust on
(Figure
shaft
can be used to counter act one another and thus
impellers
the
loads. Overhung mass is also minimized with
bearing
minimize
this configuration, making subcritical shaft design easier. Part
count is also reduced by integration of motor end cap and impeller
diffuser hardware. Also, some separation of the compressor stages
is required for the interstage flow path. The compact size of the
motor fits conveniently between stages.

Figure 5
~S

TON MINI-CENTRIFUGAL MECHANICAL CONFIGURA l"ION

Duplex bearings are shown in figure 5 for an early
The motor was· a nonoptimized
mechanical configuration.
bearing stiffness. The configuration does have an advantage in that bearing preload is
high
configuration which required
provided by the duplex pair: however, cost is excessive. Single bearings are believed to be adequate for optimized motor
designs. Refrigerant from the condenser passes through a capillary to each bearing cavity for cooling and lubrication. The
cavities are vented to the stator end turns, which are then vented to compressor suction. Superheated refrigerant is pulled
from one end of the rotor through the rotor/stator gap to provide rotor cooling. The flow required to prevent rotor surfaces
'
from exceeding 200 F is 400 pph, and the associated pressure drop is 5 psi.
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from one end of the rotor through the rotor/stator gap to provide rotor cooling. The flow required to prevent rotor surfaces
from exceeding 200 F is 400 pph, and the associated pressure drop is 5 psi.

Estimated Compressor Performance

A production 25 ton centrifugal compressor would have a high efficiency permanent magnet motor, combined
with low windage and bearing losses. With economizer, such a small high-speed centrifugal compressor has been
calculated to achieve an ASRE-T EER nearly 25 percent higher than current compressors.
The above calculations were made for maximum capacity operation. Centrifugal compressors can operate at
reduced capacity by regulating the flow to the compressor, varying the compressor speed, or a combination of both. The
flow is basically set by the heat load and evaporator temperature. However, reducing flow to a centrifugal compressor will
cause its head to rise. This can drop the evaporator temperature. Also, centrifugal compressors can only tolerate limited
flow reduction before they fail to produce a head rise. This phenomena is known as surge. Inlet guide vanes are an
effective means of reducing flow and extending compressor surge range. Flow can be reduced to 20% of design flow
while operating at constant speed (figure 6). Less desirable effects include reduced head and efficiency. The head loss is
acceptable since head requirements typically fall with reduced load. The efficiency loss is the subject of on going research
at UTRC. The loss does not appear to be with the IGV's, but rather due to flow adjustments within the impeller and
diffuser.
Variable speed is a more effective means of maintaining efficiency at reduced flow in that the required head rise
can be controlled by changing speed. That is to say, the evaporator temperature can be controlled with speed control.
However, variable speed control does not prevent surge when flow becomes too low for a required head. Figure 7 depicts
a combination of speed and IGV control. The head versus load schedule was provided by Carrier personnel as typical for
air cooled chiller operation. For the demonstrated compressor, 100% load would be achieved at design RPM with the
IGV's set full open, 75% load at 90 % of design RPM and IGV's half closed, 50% load at 85 % of design RPM and IGV's
80% closed, and 25% load at 75 % of design RPM with IGV's 85% closed. The resulting compressor efficiencies
combined with a 96% motor efficiency and 97% inverter efficiency lead to a 15 % better unit IPLV EER than current
compressors.
Significant improvements in IPL V could be achieved if the compressors had a wider flow range before surge.
This capability is being demonstrated at UTRC under the joint centrifugal chiller program.
ESTIMATED PART LOAD PERFORMANCE

COMPRESSOR EFFICIENCY AT REDUCED FLOW
Single Stage Inlet Guide Vane Data

COMBINED IGV AND VARIABLE SPEED MAPS
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